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The present investigation was a comprehensive numerical study of a radial turbine
conducted using Computational Fluid Dynamics (CFD) in ANSYS CFX. Vista RTD
provided the acrodynamic geometry of the turbine, and a structured mesh was created using
BladeGen and TurboGrid. Mesh independence was established with about 1.45 million
elements, resulting in a variation of power output of less than 0.5 percent. To predict the
three-dimensional flow field, the Reynolds-Averaged Navier-Stokes (RANS) equations
were solved using the standard k-¢ turbulence model. The analysis considered a variety of
operating conditions, including three inlet flow angles (50°, 60°, and 70°), expansion ratios
ranging from 1.6 to 2.8, and rotational speeds of 30,000 rpm, 60,000 rpm, and 90,000 rpm.
The results showed a significant effect of these parameters on the turbine’s aerodynamic
performance. At a rotational speed of 30,000 rpm, the efficiency was increased from 0.26
to 0.45. At 90,000 revolutions per minute, the ratio of expansion was 2.8; after this, the
most excellent was 0.63, or a 142 percent increase. Power output was also increased along
with rotational speed, from 710.63 W with a rotational speed of 30000 rpm to 3.29 kW
with a rotational speed of 90000 rpm (an increase of 362% with an expansion ratio of 2.8).
Flow contours indicated that at higher speeds, the rate of flow velocity and pressure levels
were much higher, i.e., 210 m/sec and 130 Pa, respectively. These conditions were
accompanied by secondary flows and recirculation, which restricted the overall efficiency.
Overall, the results implied a good trade-off between power-generating efficiency and flow
stability. They also gave practical suggestions on the application of radial turbines in

turbochargers, microturbines, and organic Rankine cycles.

1. INTRODUCTION

The development of the internal combustion engine (ICE)
in the latter few decades has been significantly influenced by
environmental factors, particularly a reduction in greenhouse
gas emissions and decreased fuel consumption. Around the
world, regulations have become more burdensome regarding
the application of CO; emission standards in newly purchased
cars, leading producers to invest more in advanced
technologies that favor downsizing, which in turn preserves
performance [1, 2]. One of the most effective solutions
developed is turbocharging, a technique that increases the air
flow rate into the engine, resulting in higher power and torque
values for a given engine size [3, 4]. In the past, turbochargers
were primarily implemented to increase engine performance,
but they have now evolved to ensure engine efficiency and
meet emission standards [5]. Using lean boosting with
turbocharging helps reduce CO, emissions while improving
fuel efficiency [6]. Among all the turbocharger technologies,
the most well-known is the fixed geometry turbocharger
(FGT), which has a turbine and a compressor connected via a
fixed standard shaft [7]. Although FGTs are a relatively
straightforward and proven technology, they are marred by
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considerable disadvantages, in particular, their low-end torque
is very bad, not to mention an intense turbo lag [7, 8]. These
deficiencies have led to the development of variable geometry
turbochargers (VGTs), which adjust the effective flow area
through the turbine or compressor to achieve optimum
operation over a wide range of operating conditions. VGTs
have been highly successful in reducing turbo lag, increasing
low-speed torque, and improving efficiency [9]. Economic
comparisons against electrically assisted systems, as well as
supercharging, have strengthened the case for VGTs in bold
boosting strategies. Galloway et al. [10] performed a
numerical optimization of the vane aerodynamics in nozzles
by using the software DesignXplorer and ANSYS CFX. Their
study showed that secondary losses can be decreased by as
much as 12% and the turbine efficiency increased by about
4.5% by optimizing the vane angle, chord, and thickness.
Asanaka et al. [11] examined the effects of nozzle clearance
variation on the variable geometry turbines (VGTs). They
determined that losses due to hub clearance were
approximately 6% and that losses due to shroud leakage
vortices were approximately 10% of the efficiency. This
brings us to the importance of shroud clearance in terms of
efficiency. Danlos et al. [12] experimentally studied the
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control of the surge by varying nozzle geometry. Their results
showed that VGT mechanisms increased the surge-free
operation by almost 15% of the mass flow range and reduced
the pressure oscillations by 20% under transient states. Gupta
et al. [13] proposed an adjustable geometry nozzle-rotor
system, which was experimentally verified using
Computational Fluid Dynamics (CFD). Their results showed
efficiency improvements of between 2% and 7%, as well as
improved alignment of the flow from the turbines, resulting in
power output increases of up to 6%. Lee et al. [14], in their
investigation of the use of pivoting vanes in a turbocharger in
diesel engines, involved the use of modeling as well as testing.
His research revealed an improvement in transient response
time of nearly 18%, and at low speeds, the torque supply
increased by 12%, demonstrating the merits of the pivoting
design. Stefanopoulou et al. [15] investigated the cooperation
between the control of VGT and the exhaust gas recirculation
(EGR) system. Their results showed a reduction of up to 35
percent in NOx emissions (though they came at the cost of a 3
percent reduction in fuel efficiency), pointing to one of the
trade-offs between emission reduction and engine
performance. Zhao et al. [16] used a variable geometry inlet
orifice before the compressor. They showed an improvement
of the margin of the surge, 25%, but at higher evaluations of
the flow, the maximum efficiency dropped by nearly 2%.
Tamaki and Yamaguchi [17] studied the employed variable
diffuser vanes in compressors. Their research showed that
vane control not only reduced the symmetric surge initiation
to 20% of the flow capacity but also increased the range of the
stable operation by 15%. In addition, the effect on efficiency
was negligible. Ludtke [18] had experimentally verified the
usefulness of vaneless diffusers. The results showed that the
margin has increased by 18%; however, there was a reduction
in overall efficiency of between 5% and 7% compared to
traditional vaned designs.

Whitfield et al. [19] made a theoretical study of diffuser
configurations. They found that for vaneless diffusers,
stability increased by 15%, while pressure recovery rose by
almost 8% for vaned diffusers. Abdelhamit [20] conducted a
study on throat control in centrifugal diffusers, concluding that
dynamically reducing the throat area, used as a surge
resistance technique, improved the quality of surge resistance
by 12%, with a minor loss of efficiency of less than 2%.
Experimental studies of variable-throat diffusers have been
done by Filipenco et al. [21]. They determined that active
control of the throat increased the level of stabilization,
thereby expanding the operational range by 14%, while
maintaining efficiency within 1.5 percent of baseline levels.
Simon et al. [22] have investigated the synchronous
optimization of inlet guide vanes and diffuser vanes, achieving
an efficiency performance of 5% and a 7% increase in pressure
ratio. Jawad researched wedge-shaped diffuser blades [23],
which resulted in an additional 20% increase in the
compressor’s operational range through an improved pressure
ratio of up to 6% and enhanced stability potential. In a
comparative study of Vaneless and vaned diffusers based on
CFD, Jawad et al. [24] found that vaneless diffusers improved
the efficiency by 4% wunder changing conditions. In
comparison, regarding vaned diffusers, the improvement
reached 6% at high and constant flow. Hamel et al. [25]
considered new designs for volutes which allowed for a better
distribution of flow, resulting in energy losses reduced by
almost 8%, especially at off-design operation, therefore
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increasing system reliability. Watson and Janota [26] designed
a hydraulic actuation system for VGTs. They saw a 30%
reduction in response time over a 12% change (+/-12%) in
system weight (more) compared to traditional pneumatic
actuators. Laghrouche et al. [27] proposed nonlinear control
algorithms for pneumatic actuators, which improved the
transient stability of the output by 22% in terms of overshoot
reduction and increased robustness against load variations by
15%.

Shirakawa et al. [28] presented a cooperative control
strategy for VGT and EGR, which improved system response,
resulting in a reduction of almost 25% in turbo lag and a
decrease of 28% in NOx emissions compared to traditional
methods. El Hameur et al. [29] reported the vortex dynamics
in centrifugal compressors using CFD. They demonstrated that
the losses produced by the vortices accounted for
approximately 10% of the efficiency loss and that secondary
flows accounted for a change in energy losses of almost 7% of
the total energy losses. Liu et al. [30] examined the effects of
vane angle variation using the CFD method, which revealed
that the optimal value of vane angle position could provide a
9% increase in pressure ratio and approximately a 12% delay
in stall inception within the flow range. Sabahi et al. [31]
presented work on advanced nozzle geometries in
turbocharger turbines, concluding that the various flow
incidence angles resulted in a 5% efficiency gain and 7%
increased work output of the turbines. Heidary et al. [32]
studied compressor surge performance using CFD analysis,
and the findings confirmed that VGT could provide a surge
margin improvement of approximately 20% and stabilize
pressure oscillations by 18% of the pressure fluctuations at the
transient level.

Despite the elevated level of knowledge on the VGT
mechanisms, there are knowledge gaps. First, many
investigations focus on turbine side geometry variations or
compressor side geometry variations; less attention is given to
the combined effect of variable geometry on both members.
Second, although many studies have been conducted where
efficiencies improved, there has been no systematic research
on various operating conditions, such as different inlet angles,
rotational speeds, and expansion ratios (ERs), which can be
important for practical engine cycles. Third, although control
strategies of VGTs have become increasingly sophisticated,
research regarding the dynamical performance of VGT
actuation in transient regimes has not investigated its effects
on the aerodynamic performance of VGTs.

This study attempts to fill the gaps in the understanding of
centrifugal compressors in integrated VGT systems using
CFD analysis. It includes making some geometry using Vista
RTD and BladeGen, meshing using TurboGrid, and
performing computations using ANSYS CFX. The research
examines compressor performance for various inlet angles
(50°, 60°, 70°), rotational speeds (30,000 to 90,000 rpm), and
ERs (1.6 to 2.8). The use of a mesh independence study
improves the numerical accuracy. The aim is to provide an
understanding of the correlations between geometry, flow
control, and efficiency for optimizing next-generation VGT
systems.

This paper presents a CFD-based analysis of a radial turbine
under various conditions, examining the effects of inlet angle,
ER, and speed. It highlights the relationship between flow
behavior and efficiency, offering practical recommendations
for turbine design and VGT optimization.



2. METHODOLOGY
2.1 Geometric model

A radial turbine has been designed based on the given mean-
line parameters using ANSYS 2021 R1. An impeller with a
shroud exducer radius ratio of 0.66, a hub exducer radius ratio
0f 0.29, or an axial length to diameter ratio of 0.40 was used.
It was based on a design having 15 vanes, a mean exit
thickness of 0.8 mm, and a relative tip clearance height of 0.04.
A radial stacking law was employed, and the vane surface
finish was specified as “cast” to accommodate realistic
manufacturing tolerances. The mean line design is shown in
Figure 1, and the basic parameters are shown in Table 1. The
geometry was then transferred into the ANSYS BladeGen,
where three-dimensional models of the impeller and vanes
were designed, as shown in Figure 2. Trailing edge angles,
blade stacking, etc., were all studied to render it practicable
both to manufacture and in terms of its acrodynamics.

IR
i

0.02 (m)

0.005 0.015

Figure 1. Mean-line design of the radial turbine in ANSYS

Figure 2. Three-dimensional impeller and vane geometry
generated in ANSYS

Table 1. Geometric parameters of the radial turbine

Parameter Value Notes
Shroud exducer radius ratio 0.66 From Vista RTD
Hub exducer radius ratio 0.29 From Vista RTD
Axial length/diameter ratio 0.40 Specified
Number of vanes 15
Vane thickness at exit 0.8 mm Mean value
Tip clearance ratio 0.04 Relative to blade span
Spanwise stacking law Radial

180

2.2 Governing equations

The flow field is modeled by employing the incompressible
Reynolds-averaged Navier-Stokes (RANS) equations. The
governing conservation equations are presented as:

Continuity equation:

p(VV)=0 (1)
Momentum equation:
pVVZ=—VP 4 vV )
Energy equation:
pCp (VVT) = KV2T (3)

where, V is the velocity vector, p is the air density, V is the
velocity vector, P is the pressure, T is the temperature, Cp is
the specific heat, and K is the thermal conductivity.

The standard k—e model uses the following transport
equations for k and ¢.

Turbulence kinetic energy (k):

9(puk) + d(pvk) |, d(pwk) _ i(ﬁa_k) i(ﬂa_k)

dx ay 9z  ox o 0x dy \oy 0y 4
(%) + P+ Gy - @
0z \oy 0z k Kk~ PE

Dissipation rate (€):
d(pue)  d(pve)  d(pwe)
0x + dy + 0z
_ 0 (p ¢ 0 (u; O0¢ d (u.0¢
T ox (ag 6x) * dy (ag ay) * 0z (ag 62) ©)

£ g?
+ ClsE(Pk + Gk) - CZSP?

where, gy, is the turbulent Prandtl number of k, and o is the
turbulent Prandtl number of ¢.

ol G G G ) o
=G 7

where, G|, is the kinetic energy generated by buoyancy.

Turbulence closure was achieved using the k-g¢ model
because of its established effectiveness in turbomachinery
simulations. The related transport equations for turbulent
kinetic energy (k) and dissipation rate (g) were solved
concurrently.

Table 2 outlines the boundary conditions utilized in the
simulations. A uniform velocity is specified at the inlet, while
a constant static pressure is maintained at the outlet. No-slip
conditions are enforced at all solid walls, and a rotational
periodicity is established at the interface between adjacent
blade passages. The thermophysical properties of the working
fluid (air) are detailed in Table 3.

2.3 Mesh generation

The computational space was discretised by a regular
hexahedral structured mesh generated in ANSYS TurboGrid.



An O-grid formulation was used near the leading and trailing
edges of the blade to resolve the boundary layer flow and
effectively reduce the skewness. A smaller mesh size was used
in the area of higher curvature to capture phenomena such as
flow separation and secondary flow precisely. Near-wall
resolution was controlled to maintain a value of y+ less than
1.0, ensuring that the viscous sublayer was resolved entirely
and eliminating the need for wall functions. The representative
distributions of the meshes are illustrated in Figures 3 and 4.
A mesh-independent result was obtained by validating five
grid densities corresponding to approximately 0.25 million,
0.45 million, 0.95 million, 1.45 million, and 2.0 million
elements. The variable tracked for independence was shaft
power, reflecting compressor efficiency and aerodynamic
losses. Results in Figure 5 indicate that predictions become
steady after approximately 1.45 million elements, which varies
less than 0.5% from the densest grid. Therefore, a grid size of
roughly 1.45 million elements was employed for all
subsequent simulations, representing a compromise between
the trade-off between computational costs and precision.

Table 2. Operating boundary conditions applied in the CFD

simulations
Boundary . .
Condition Specification Notes
Inlet total 1000 K Fixed for all cases
temperature
Inlet total Varied (1.6-2.8 bar) To achieve ER = 1.6—
pressure 2.8
Outlet static . Matches the desired
Adjusted . .
pressure expansion ratio
. 30,000; 60,000; Three operating
Rotational speed 90,000 rpm speeds
Inlet flow angle 50°, 60°, 70° Absolute inlet flow
() angle
. . . y=14,R=287
Working fluid Ideal gas (air) ke K

Table 3. Thermophysical properties of the working fluid (air)
at reference conditions

Property Value Notes
Specific heat (Cp) 1007 J/kg-K At300 K
Ratio of specific .
heats (v) 1.4 Ideal gas assumption
Universal relation R =
Gas constant (R) 287 J/kg-K Cp— Cv
Dynamic viscosity 1.8 x10° Constant with
(W Pa's temperature
Thermal conductivity 0.026
) W/m-K At 300 K

Figure 3. Structured mesh of the computational domain
generated in ANSYS
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Figure 4. O-grid topology to the leading/ trailing edges of the
blade
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Figure 5. Mesh Independence test: Power as a function of the
number of elements

3. RESULTS AND DISCUSSION

This part shows the numerical results and performance
analysis of the radial inflow turbine. In general, the influences
of ER, rotational speed, and inlet angle on the output power,
efficiency, and comprehensive energy recovery were
investigated. ~The thermodynamic and aerodynamic
characteristics of the entire system for various ER and
rotational speeds are presented in Figures 6-9. The
performance map below, in Figure 6, clearly illustrates the
dependencies on ER and speed. For an ER value of 1.6,
efficiency can be increased from 0.26 at 30,000 rpm to 0.63 at
90,000 rpm, representing an approximately 142% increase in
efficiency. However, for ER values above 2.4, the benefits
drop off, and the levels of efficiency approach 0.45-0.47. This
plateau is a good indication that there is an optimum range of
operation, with further increase in ER showing only a marginal
increase due to the rise in aerodynamic losses and
irreversibility of heat addition.

Figure 7 shows the dependence of ER and output power as
a function of circumferential inlet angle (a = 50°, 60°, and 70°)
for a wide range of speeds (30,000-90,000 rpm). At an inlet
angle of a = 50°, the lowest power levels are observed, ranging
from 259 W at ER = 1.2 to 702 W at ER = 2.2 at 30000 rpm,
representing an increase of 171%. This power output continues
to increase at higher rotational speeds, rising from 178 W to
1214 W at 90,000 rpm, a 582% improvement. The power
output reveals a more even rise in power with an increasing
inlet angle, with a peak power reaching 2,671 W at an inlet
angle of 90,000 rpm, representing a 130% power increase for
the lowest ER. The best performance appears to be achieved



at a = 70 deg, with a power increase from 1,358 to 3,286 at 0.8-

90,000 rpm, corresponding to a 142% increase. In comparison, . Zgggg :22
the output power for a = 70 is about three times greater than 0.61 A 90000 rpm
the output power for a = 50 for the same conditions. These oy

results validate the fact that both ER and rotational speed play 3 0.4-

a significant role in the performance of the expander. & ¥ & u

Furthermore, the inlet angle is optimized to maximize energy 0-27 ® ) °

extraction, and the optimal balance of flow stability and work .

recovery is achieved at an angle of 70°. Variation of outlet °"’1_5 20 25 3.0

pressure against ER is presented in Figure 8. At 30,000 rpm, ER

this increase is 66% for ER = 1.6 - it would correspond to a (b)

pressure of 1.38 bar, and for ER = 2.8, that would be 2.29 bar. 05-

Similar trends are noted with 60,000 rpm (1.34 to 2.22 bar) ’ ® 30000 rpm
and 90,000 rpm (1.31 to 2.10 bar). While the percent increase 06 N Zgggg :ZE
of outlet pressure is the same as any other rpm value, the actual 2

pressure values show lower pressure at high rpm, which hints :E'; 04] g "

at another aerodynamic loss that prevents the formation of & ) "

high pressure at high rpm. The pressure ratio in Figure 9, on 0.2 °

the other hand, has a different behavior. Where the order is

30,000 rpm, the corresponding relative pressure ratio 0.0 T y 1

-
o

decreases from 0.86 at ER = 2.0 to 0.79 at ER = 2.8. At 90,000 . 30

rpm, this speed drops from 0.73 to 0.69, indicating a roughly
13-15% decrease in speed within the range of ERs studied.
This phenomenon suggests that distortions of the internal flow
and thermal irreversibility occur to prevail over the increase in
effective compressive capability, just as the increase in outlet
pressure and power output occurs when attempting higher
speeds. 15007 ® 30000 rpm

Overall, Figures 6-9 illustrate a significant trade-off among B 60000 rpm
efficiency, pressure behavior, and power generation. Although 10004 H 90000 rpm
increasing the ER and rpm significantly increases the output
power (by as much as 582%) and outlet pressure (by as much
as 66%), there is a corresponding decrease in pressure ratio
and efficiency gain. This is considered to provide the best
balance when ER values of 2.4 to 2.8 are used, along with
rotational speeds of 60,000 to 90,000 rpm. This analysis draws 15 20 25 3.0
attention to the fact that there is no infinite power and ER
efficiency capability, and that it also has to consider (a)
compromises when it comes to the pressure ratio as well.

The results show that, in the case of applying micro-
turbines, Organic Rankine Cycle (ORC) expanders, and power
recovery systems with small scale, it is recommended to have
ERs and rotational speeds at mid-high values. This approach
is seen to offer a favorable combination of performance and
pressure stability simultaneously. Operating at too fast a speed
may be the most effective way to increase power outputs;
however, this comes at the expense of system stability and 0 y y 1
longevity. This makes it essential to take great care in selecting ' ' '
the operating conditions during the design phase to account for
the real world. (b)

4000+

(©)

Figure 6. Variation of expander efficiency with expansion
ratio at (a) o = 50°, (b) a = 60°, and (¢) a = 70°
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Figure 8. Variation of total outlet pressure with expansion
ratio at (a) a = 50°, (b) o = 60°, and (¢) a = 70°
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Figure 9. Variation of pressure ratio with expansion ratio at
(a) a=50°, (b) o =60°, and (c) o = 70°
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Figure 10. Pressure contours within the expander at (a)
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Figure 11. Blade surface pressure distribution across suction
and pressure sides at (a) 30,000 rpm, (b) 60,000 rpm, and (c)
90,000 rpm

The pressure distribution given in Figure 10 shows that as
the rotor speed is increased, so does the pressure drop across
the expander. At a speed of 30000 rpm, the difference between
the pressure inside the inlet and on the outlet was 0,12 MPa.
At 60,000 rpm, however, this pressure drop was 0.24 MPa, a
100% difference. The trend continued at 90,000 rpm, resulting
in a pressure drop of 0.36 MPa, approximately 200% higher
than the lowest speed. This trend is also evident in the blade
surface pressure distributions shown in Figure 11, which
indicate that the pressure on the suction side decreases from
0.92 MPa at 30,000 rpm to 0.78 MPa at 90,000 rpm. 15% in
differences. On the other hand, the pressure side was found to
be consistently greater than 1.1 MPa, which corresponds to
high aecrodynamic loading and high torque through the shaft at
high speeds. Figure 12 shows that increasing rotational speed
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raises the local Mach number, especially near the blade
leading edge and suction side. At 90,000 rpm, stronger
compressibility effects appear, causing higher losses and
explaining the slight drop in efficiency at high speed.

ANSYS

Mach Number
2 2021R1

Contour
2.021e+00
1.895e+00
1.768e+00
1.642e+00
1.516e+00
1.389e+00
1.263e+00
1.137e+00
1.011e+00

| 8.842¢-01
7.579e-01

. 6.316e-01
- 5.053e-01
3.789e-01
2.526e-01
1.263e-01
1.000e-15

002 (m)

— —
0005 0015

Mach Number
Contour 2

1.985e+00

NSYS
2021 Rl

1.000e-15

002 (m)

0.005 0015

Mach Number ANSYS
Contour 2 2021 R
2.016e+00
1.890e+00
1.764e+00
1.638e+00
1.512e+00
1.386e+00
1.260e+00
1.134e+00
1.008e+00

. 8.820e-01
7.560e-01
6.300e-01

1.260e-01
1.000e-15

0.02 (m)
0015

0.005

Figure 12. Mach number distribution along the flow passage
at (a) 30,000 rpm, (b) 60,000 rpm, and (c) 90,000 rpm

Comparatively, in terms of isentropic efficiency, the value
at 30,000 rpm was 61%, as shown in Figure 13. At the higher
revolution of 60,000 rpm, efficiency improved considerably,
reaching 73 percent (almost 20 percent more). At 90,000 rpm,
however, the efficiency was 69%, which was 5% less than
optimum efficiency. This reduction has been attributed to the
development of secondary flows, mixing losses, and vortical
structures, which counter the benefits of the increased pressure
ratios. These observations suggest that maximum
aerodynamic efficiency occurs at 60,000 rpm, where the
averaging out of the effects of compressibility begins to show



its impact on performance.
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Figure 13. Isentropic efficiency contour of the expander at
(a) 30,000 rpm, (b) 60,000 rpm, and (c) 90,000 rpm

The velocity vectors in Figure 14 are also consistent with
these results. The maximum speed was 95 meters per second
at a 30,000 rpm speed, which increased to 155 meters per
second at a 60,000 rpm speed - a 63% increase. At the speed
of 90,000 rpm, the speed increased 121% from 30 thousand
rpm to 210 m/s. However, this increase is accompanied by an
increase in the area of recirculation regions near the hub and
trailing edge of the wings, indicating flow separation and the
production of turbulence. As a result, there is a slight
degradation in efficiency at the maximum velocity.

In conclusion, by aggregating the results obtained, it is
evident that the combination of the 60,000 rpm expander and
the 30,000 rpm expander yields a favorable ratio of pressure
rise, velocity gain, and increase in Mach number, which can
potentially result in a 20% increase in efficiency. However, by
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increasing the speed to 90 thousand rpm, the pressure drop is
increased (200% pressure drop), the velocities are increased
(121%), as well as the flow instabilities appear, and the
efficiency decreases (5% from the optimal condition). Thus,
the optimum operating condition for the expander to operate
smoothly and efficiently is confirmed to be 60,000 rpm.
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Figure 14. Velocity vector distribution within the expander
at (a) 30,000 rpm, (b) 60,000 rpm, and (c) 90,000 rpm

Future studies could be conducted to extend the current
CFD analysis to a stage where different turbulence models are
compared, and the effect of the model on prediction accuracy
is tested. Additionally, transient simulations can be made to
determine the effects of unsteady flow and dynamic
performance behavior. Experimental validation under various
operating conditions would also enhance confidence in the
numerical results and support further optimization of radial
turbine design.



4. CONCLUSION

This work shows a detailed CFD study of a radial turbine
with different inlet angles, ERs, and rotational speeds. The
results of the analysis showed that the turbine’s performance
is primarily determined by the effects of the container’s speed
and ER, which have a direct impact on the flow structure and
efficiency. As the increase in speed was brought about, the
efficiency was markedly increased, but began to flatten at the
higher ERs because of increasing aerodynamic and thermal
losses.

Optimum performance has been achieved at around 60,000
rpm and an ER as high as 2.4-2.8, where efficiency, outlet
pressure, and power output were in a favorable balance, given
the ER. At higher speeds (90,000 rpm), higher velocity
gradients and recirculation areas were observed close to the
blade suction side, leading to lower efficiency and some flow
instability. It was also found that power generation was
sensitive to the inlet flow angle, with a flow angle of 70 deg
found to be the most balanced compromise between
performance and stability.

The experiment results show that, although higher speeds
and ERs improve power output and pressure, they also
increase the losses that scale with these variables, which in
turn reduce efficiency. Flow field visualization confirmed that
pressure gradients and local turbulence have a significant
effect on the energy conversion.

Overall, this work provides a deeper understanding of the
flow-geometry-performance behavior in radial turbines and is
of great value in optimizing the applications of micro-turbines
and ORC expanders. Future research will include a
comparison of the different types of turbulence models,
transient simulations, and experimental validation towards an
improved predictive capability and advancement of still
unrealized turbine designs.
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NOMENCLATURE
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specific heat, J-kg™-K™'

buoyancy production of turbulent kinetic energy,
kg'm™s3

gravitational acceleration, m-s

turbulent kinetic energy, m?-s>

thermal conductivity, W-m™"-K™!

static pressure, Pa

production of turbulent kinetic energy, kg:m™"-s3
temperature, K

velocity components in X, y, and z directions, m-s™
velocity vector, m-s™

Greek symbols

T=TE T

density, kg-m™

dynamic viscosity, kg-m™"-s™

turbulent (eddy) viscosity, kg:-m™"-s™

rate of dissipation of turbulent kinetic energy,
mZ. S—3
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thermal expansion coefficient, K™ Subscripts

turbulent Prandtl number for k

turbulent Prandtl number for ¢ t

turbulent Prandtl number for temperature k
€
X

Y, Z
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turbulent quantity

kinetic energy related term
dissipation rate related term
spatial coordinates
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